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Abstract 

Title:  Design and Optimization of a Passive Magnetic Thrust Bearing 

Author: Thomas Matthew Lasko 

Advisor: Razvan Rusovici, Ph.D. 

High-speed turbomachines present a number of unique challenges and problems. Large 

centrifugal forces create high stresses in rotating components, friction leads to elevated 

temperatures and component failure, and rotordynamic instability makes control difficult. 

The weak link in these high-speed systems is often the bearings because they provide the 

interface between the rotating and stationary components. Traditional bearings often fail in 

these conditions, especially when relatively large force capacities are required. In miniature 

gas turbines for unmanned aerial vehicle (UAV) applications, traditional bearings exhibit a 

typical lifetime of only 25 hours due to excessive axial loading.  

This research presents a passive magnetic thrust bearing design that reduces the effect of 

axial loading, therefore dramatically increasing expected lifetime and reducing the required 

maintenance.  A procedure for designing and optimizing the bearing is developed, 

including equations for quickly producing new geometries for various load capacities.  A 

specific bearing design for a UAV gas turbine application is designed, fabricated, and 

tested at both static and dynamic conditions.  The results validate the design concept as 

well as the finite element models and associated analyses.  The research concludes with 

suggestions for future research as well as possible improvements to the design based on the 

results and lessons learned throughout the design, fabrication, assembly, and testing 

phases. 
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Chapter 1 

Background 

Permanent Magnets 

Permanent magnets are objects that produce a magnetic field in the absence of an external 

applied field.  Typically, materials that can be magnetized are called ferromagnetic, and all 

traditional permanent magnets exhibit this property.  Other types of magnetism (i.e. 

ferrimagnetism, paramagnetism, and diamagnetism) involve field strengths that are much 

weaker in magnitude and can often only be observed with sensitive instruments.  

Ferromagnetic materials include iron, cobalt, and nickel as well as alloys of these 

materials, and a special group of compounds called rare earth metals. 

The most common (and weakest) permanent magnets are called ceramic (or ferrite) 

magnets and are composed of iron oxide and other metallic compounds.  Ferrite magnets 

have a wide range of applications from common refrigerator magnets to speaker elements 

due to their relative abundance and low cost. Ferrite cores are also used in many electronic 

components such as inductors and transformers.  A group of medium strength permanent 

magnets composed of iron (Fe) alloyed with aluminum (Al), nickel (Ni), and cobalt (Co) 

called Alnico magnets are also used in a wide variety of commercial applications including 

electric motors, microphones, and sensors.  Alnico magnets are stronger than ceramic 

magnets but are considerably more expensive, and therefore are the best choice when size 

and performance are more important than cost.  Alnico magnets also can operate at 

temperatures in excess of 500°C, which make them the only option for certain extreme 

applications.  The strongest class of magnets are called rare-earth magnets due to their 

composition including chemical elements, namely samarium (Sm) and neodymium (Nd), 

from the rare-earth metals on the periodic table.  These magnets have field strengths 

greater than most Alnico magnets while exhibiting a much lower susceptibility to 

demagnetization, making them ideal for applications that require the highest performance 
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in a compact size.  The two most common types of rare-earth magnets are Samarium 

Cobalt (SmCo5 or Sm2Co17) and Neodymium Iron Boron (Nd2Fe14B), both of which offer 

distinct advantages.  Neodymium Iron Boron magnets are the strongest both in terms of 

field strength and magnetic energy, but are susceptible to corrosion and have lower 

operating temperatures.  The corrosion issue, however, can usually be overcome by 

applying a thin nickel coating to the magnets.  Samarium Cobalt magnets can operate at 

higher temperatures and resist corrosion, but are somewhat weaker, more brittle, and more 

expensive.  For most high performance applications in which the magnets are not exposed 

to high temperatures, Neodymium Iron Boron magnets are the preferred choice.  As such, 

Neodymium Iron Boron magnets are common in turbomachinery applications (e.g. 

bearings, alternators, motors, generators) and were selected for the designs outlined in this 

thesis. 

Magnet Properties 

The most basic magnetic property is polarity, which can be observed in both 

electromagnets and permanent magnets.  In an electromagnet, the direction of the current 

determines the direction of the magnetic field.  For example, a horizontal coil with current 

flowing counterclockwise would have a north pole pointing up and a south pole pointing 

down (observing the right hand rule).  Similarly, a permanent magnet has magnetic field 

lines emanating from the north pole (N) and returning to the south pole (S) as shown in 

Figure 1.   
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Figure 1.  Permanent magnet field lines showing polarity1 

Magnets with rectangular geometry (such as a typical bar magnet) are usually magnetized 

in a direction orthogonal to one of the principal axes such that the north and south poles are 

two opposite faces.  In each case, all of the magnetic field lines are parallel to each other.  

This is because the large electromagnets used to magnetize permanent magnets also have 

parallel field lines.  For most applications using rectangular magnets, this is exactly the 

desired magnetization. 

For ring magnets, the desired magnetization depends on the application.  There are three 

magnetization possibilities, two of which can be accomplished with parallel field lines:  

axial (through thickness) magnetization or diametric magnetization.2 

 

Figure 2. Ring magnetization directions: axial (left), diametric (center), and radial (right) 
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A third option, radial magnetization, would require radial field lines such that one of the 

poles is the outer diameter of the ring and the other pole is the inner diameter.   This 

configuration would be ideal for a lot of passive magnetic bearing applications; however, 

achieving this magnetization is difficult (if not impossible) in practice.  Some Chinese 

manufacturers claim to have radial magnetization as an option, but the quality of these 

magnets is dubious.3,4  In cases where a radial field is necessary, arc segments magnetized 

through their thickness are often used to approximate a radial field.  For passive magnetic 

thrust bearings, radial magnets would be ideal, but using arc segments would not be 

practical since they require additional machining, special tooling, balancing, adhesives, etc.  

Axial magnetization is much simpler and cost effective and offers similar performance for 

this application. 

Other important magnetic properties can best be explained by examining the magnetization 

curve, which is a plot of magnetic flux density in the material B (measured in teslas [T]) 

versus applied magnetic field strength H (measured in amperes per meter [A/m]).  A 

typical BH curve for a magnetic material is shown in Figure 3.  The material begins at the 

origin in an unmagnetized state.  As an external magnetic field (H) is applied and 

increased, the material follows the dashed line to point A.  At this point, the magnetic flux 

density in the material has reached a maximum, and further increase in applied field does 

not result in additional flux.  This saturation point is important for many magnetic 

applications because it represents the practical limit of magnetic flux in the material.  As 

the applied magnetic field is reduced to zero from saturation, the material does not return to 

its original state; instead it retains some magnetic flux at point B.  The flux density retained 

by the material is this point is the remanent flux (Br). In a permanent magnet, the remanent 

flux is usually referred to as the strength of the magnet.  For the magnet to be completely 

demagnetized, a field must be applied in the opposite direction.  The magnitude of the field 

required to bring the magnet from point B to point C is called the coercive force (Hc).  In 

most permanent magnet applications, a large coercive force is desired to reduce the 

likelihood of unintentional demagnetization.  The remaining point on the magnetization 

curve (D, E, and F) are analogous to A, B, and C, but for magnetization in the opposite 
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direction.  The entire loop is called the magnetic hysteresis loop, so termed because the 

magnet exhibits the property of memory— magnetic flux depends on the history of applied 

forces. 

 

Figure 3. Typical BH curve5 

While residual magnetic induction (Br) is the most important property for many 

applications, other properties can play a significant role in the decision-making process.  

For example, the maximum energy product, simply the product of remanent flux and 

coercive force, is a measure of the total amount of energy stored in a magnet.  Permanent 

magnets are typically graded using the maximum energy product and magnets that have a 

high remanent flux tend to also have a high coercive force.  The notable exception to this is 

Alnico, which has a very high remanent flux (even higher than Samarium Cobalt in many 

cases) but a very low coercivity, making it strong but susceptible to demagnetization. 

Another pair of properties relate to the temperature that magnets can withstand.  As 

temperature increases, permanent magnets lose strength.  The loss is approximated by a 

linear function of temperature, with the slope being the reversible temperature coefficient 
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of induction.  As the name implies, the loss is reversible as long as the temperature remains 

below a certain value.  Most manufacturers list this as the maximum working temperature 

of the magnet.  If the magnet remains below the limit and then the temperature is 

decreased, it will return to its original strength.  If the temperature exceeds the maximum 

working temperature, the magnet continues to lose strength, but the losses are irreversible.  

Eventually the magnet loses all of its strength, and this temperature is called the Curie 

temperature. 

Mechanical properties play a significant role in the magnet selection process, especially for 

high speed applications.  Compared to other metals, rare earth magnets are extremely 

brittle and have a low tensile strength relative to their compressive strength.  Therefore, 

rare earth magnets tend to fail when the tensile strength is exceeded, and the failure occurs 

with negligible deformation.  For this reason, these magnets’ yield stress and ultimate 

tensile strength are the same and therefore are considered brittle.  In many practical 

applications such as alternators, in which magnets are located on the outer diameter of a 

rotating assembly, the tensile strength represents a design constraint.  To overcome this, 

the magnets are often retained by a sleeve that is made of a much stronger material.  For 

example, a magnet assembly can be contained by a thin Inconel sleeve that is press-fit over 

the magnets.  In this configuration, the sleeve experiences high stresses, but the primary 

stress in the magnets is shifted to compression rather than tension.  The sleeve allows the 

shaft assembly to operate at much higher speeds without risking magnet failure. 

 

Bearings 

The focus of this study is to improve the reliability of bearing systems for UAV 

applications by overcoming some of the weaknesses of traditional bearing systems.  The 

goal is not to replace the current bearing system, which would most likely require a 

complete overhaul and redesign of the entire rotor assembly, but rather to provide a 

component to augment the existing bearing system.  A passive magnetic thrust bearing 
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would allow the traditional bearings to operate with lower thrust loads, which would in 

turn provide extended life to those bearings. 

Traditional Bearings 

At high speeds, traditional bearings (roller, deep groove, angular contact, etc.) tend to fail 

for several reasons.  Due to the friction between the rotating and non-rotating components 

(which are in contact), a large amount of heat is generated.  Thermal expansion causes the 

bearing components to interfere with each other, leading to increased friction.  Eventually, 

it is possible for the bearing to seize and result in failure of the system.  Therefore, 

traditional bearings have a maximum operating speed, and the options for commercially 

available bearings that can operate above 100,000 RPM are limited.  The second major 

mode of failure is related to bearing overload.  All bearings have a maximum force 

capacity, and exceeding this value can result in bearing seizure in the same way that 

thermal expansion does.  This is even more of a problem with axial loading at high speeds, 

because traditional high-speed bearings have a relatively low axial capacity.  These issues 

have resulted in many bearing failures in miniature gas turbine applications as indicated by 

the typical bearing life of only 25 hours.7 

Non-contact Bearings 

For high speed turbomachinery applications, two major bearing technologies offer low 

maintenance, non-contact operation at high rotational speeds: foil bearings and magnetic 

bearings.  Magnetic bearings can be either active or passive.  Active magnetic bearings 

provide support to a rotating shaft via electromagnetic force.  This type of bearing offers 

non-contacting operation at all speeds, but requires a power source, amplifiers, and a 

controller.  Due to size, weight, power, and complexity, active magnetic bearings are not 

an option for many commercial applications, especially airborne systems such as UAVs.   

Unlike active magnetic bearings, foil bearings are completely passive.  They are a type of 

air bearing in which the rotor is separated from the stator by several layers of compliant 

material, as shown in Figure 4 for a radial bearing.  The top foil, the layer closest to the 
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shaft, is usually a smooth, thin layer of metal that wraps around the shaft and is split along 

the axial of the shaft such that it is flexible.  The top foil is secured to the stationary part of 

the bearing such that it cannot rotate with the shaft.  The next layer is a compliant layer that 

provides most of the stiffness characteristics of the bearing.  Depending on the geometry or 

material, it can have different names, such as bump foil or leaf foil.  All of the compliant 

foils are captured inside of a rigid sleeve.  As the rotor begins to spin within the foil 

bearing, a thin film of fluid is generated between the shaft and the top foil.  At some point, 

the fluid pressure builds to a point at which the shaft lifts off and pushes the top foil 

radially outward into the compliant layer.  For a given speed, the weight of the shaft, the 

pressure generated by the rotation, and the restoring force imposed by the compliant layers 

all reach equilibrium, and the shaft is stable.  The operating principles for an axial foil 

bearing are essentially the same as the radial bearing described above. 

 

Figure 4. Foil bearing schematic8 

Despite the apparent simplicity of foil bearings, they are actually very difficult to model.  

Due to the complex, multidisciplinary physical phenomena that take place in a foil bearing, 

analytical simulations often poorly predict load capacity.  This makes the design process 

difficult, especially if the configuration of interest has never been tested experimentally.  

Another issue with foil bearings is that a certain amount of starting torque is required.  In 

the resting position, the rotor is in contact with the top foil.  In order to lift off and maintain 

an air gap, the shaft must overcome the sliding friction with the top foil and then generate 
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enough pressure to push the compliant layer.  Therefore, a foil bearing is not truly a non-

contacting bearing until it reaches some nominal speed.  This poses a few concerns in 

terms of system reliability.  Excessive wear on the bearing and shaft surfaces may result 

after repeated start-up/shut-down or low speed operation.  The excessive wear can also be 

accelerated in the presence of foreign particles (such as dirt/dust) and thermal stresses.  

Due to the complex dynamics and the inability to predict load capacity analytically, foil 

bearings are almost exclusively custom-designed for a specific application.  Therefore, 

they are not a good candidate for this application. 

Passive magnetic bearings are the ideal type of thrust bearing for this application.  Unlike 

foil bearings, passive magnetic bearings provide non-contacting operation at all speeds.  In 

addition, passive magnetic bearing performance is relatively easy to predict analytically via 

finite element models.  Many different geometric configurations are possible, but they all 

act on the same principle.  Both the rotor and the stator have permanent magnets arranged 

to provide a net axial force between the two.  Since the force capacity only depends on the 

geometry and the air gap, the distance between the rotor and stator, the capacity is 

independent of speed.  Therefore, passive magnetic bearings provide constant force 

capacity during start-up, shut-down, and low speed operation, unlike foil bearings.  This 

makes passive magnetic bearings ideal for miniature gas turbine engines. 
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Chapter 2 

Design 

Passive Magnetic Bearing Concept 

A passive magnetic thrust bearing consists of a rotor and stator, each containing a stack of 

permanent magnets.  Figure 5 shows the basic geometry with an exploded view of the rotor 

for the bearing. At the end of the shaft is the hub, which houses the rotor magnets. A stack 

of ring-shaped permanent magnets is pressed onto the hub and is contained by a magnet 

retainer. A retaining bolt at the end of the shaft holds all of the components in place.  

 

Figure 5. Exploded view of passive magnetic bearing concept 

The material for the magnets can be any permanent magnet; however, neodymium iron 

boron (NdFeB) was selected for this application because this material offers the highest 

magnetic energy density of any material and is relatively easy to machine. 

All of the ring magnets are magnetized axially, and the polarity alternates N-S-N-S-N-S-N-

S along the axis of the stack. The stator has a similar geometry with a larger outer 

diameter, and the magnets on the inside of the housing rather than the outside of the hub. 

On the stator, the magnets also alternate polarity in the same North, then South pattern.  
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When the rotor is inside the stator (separated by an air gap), the poles align so that all the 

forces in the axial direction cancel to give zero net force. This is the steady-state position 

of the bearing when no external force on the shaft exists. When a force is exerted on the 

shaft, the net magnetic force acts as a restoring force in the opposite direction. The 

maximum magnetic force occurs when the rotor is shifted relative to the stator by 

approximately half of the thickness of one magnet (the optimal value is closer to 0.61 times 

the magnet thickness, as explained later). This particular geometry results in a very high 

bearing stiffness and load capacity. 

Bearing Geometry 

The basic bearing geometry for a magnetic thrust bearing is shown in Figure 6 with all of 

the relevant geometric parameters.  The bearing pictured consists of three magnets (Nm = 3) 

on the rotor and three on the stator, with the north polarization pictured in blue and the 

south polarization in red.  The dashed arrow on the left side of the diagram represents the 

axis of the revolution of the bearing.  A portion of the shaft is shown in gray, and the shaft 

has radius Rs.  The rotor magnets each have an inner radius R1 and outer radius R2.  A 

containment sleeve for the rotor magnets, shown in orange, has an outer radius R3.  The 

stator magnets each have an inner radius R4 and outer radius R5.  Both the rotor housing 

and stator housing (pictured in white) do not affect the magnetic modeling since they are 

non-magnetic, and therefore the dimensions are not included in the diagram.  Each of the 

rotor and stator magnets have axial thickness Tm and the total length of each stack (Lm) is 

the product of the number of magnets and the magnet thickness.  The offset between the 

rotor stack and the stator stack is the dimension d.  Other parameters, such as the radial 

magnetic air gap (R4 - R2) or the actual air gap (R4 - R3), can be calculated using the 

parameters outlined above. 
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Figure 6.  Passive magnetic bearing parameters 
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In terms of system configuration, a passive magnetic thrust bearing is generally positioned 

at one end of the shaft.  In a UAV gas turbine, for example, the magnetic bearing would be 

located at the cold (non-turbine) end of the shaft, positioned close to one of the radial 

bearings.  A depiction of this is shown in 3D in Figure 7, where an 8-magnet thrust bearing 

is shown at the end of the shaft.  The thrust bearing is bolted to the end of the shaft and 

inserted into a bearing housing (blue) that also contains an angular contact ball bearing.  

The ball bearing is pressed into the opposite side of the housing, and the inner race contacts 

a steel disc spring.  This configuration allows the passive magnetic thrust bearing to 

offload some of the axial force produced by the turbine, while the remaining load is used to 

preload the angular contact bearing. 

 

Figure 7.  Passive magnetic thrust bearing and angular contact ball bearing 

Design Tools 

The nature of the optimization focus of this research made it necessary to develop a way of 

automatically generating magnetic bearing designs and analyzing them quickly.  A 
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program was developed for this research that evaluates the performance of a magnetic 

bearing design with geometric parameters as outlined in the previous section.  The code is 

written in Mathematica (Wolfram Research, Champaign, IL), a program designed for 

technical computing. Based on inputs from the user, the code generates a finite element file 

that is exported to FEMM, a finite element magnetics program developed at the University 

of Virginia. When the input file is loaded, a mesh is automatically generated, and FEMM 

solves the magnetic problem, calculates the net axial force on the rotor, and sends the 

information back to the Mathematica interface. In this way, any set of parameters can be 

optimized very quickly. The program includes a routine that iterates automatically to find a 

global maximum force capacity, given an initial design and a set of constraints.  A version 

of the custom program is given in Appendix:  Simulation Code. 

The program contains several features that make it ideal for this research.  The basic 

geometry of the problem is axisymmetric, making it far less computationally expensive 

than a full 3-D model.  As such, each simulation can take as few as 3 seconds, depending 

on the overall size of the bearing and the selected mesh size.  Even large bearings with a 

very fine mesh size only take about a minute to analyze.  Additionally, the mesh size 

adapts to the relative size of different features, making it even faster without losing fidelity.  

For example, the meshing parameters guarantee that any span of the radial air gap 

intersects at least six elements.  Another feature is that the Mathematica code and the 

FEMM finite element model are in constant communication, meaning that the results of 

each simulation are imported back into Mathematica and can be analyzed before beginning 

the next simulation.  In this way, the results of one simulation can help determine the next 

set of parameters to choose for the next iteration, making it much faster to find an optimal 

geometry.   

As an example of how the program works, consider an application with a shaft diameter of 

8 mm that requires a total force capacity of 175 N at a displacement of 0.2 mm.  In other 

words, the thrust capacity required is 175 N, and the stiffness requirement is 875 N/mm.  

After several design iterations using the custom code, a geometry was produced that 
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satisfies the requirements.  The thrust bearing consists of 11 Grade 52 Neodymium Iron 

Boron magnets in each stack (rotor and stator) with an offset of 0.2 mm between the two 

stacks, as required.  Each magnet has a thickness of 1.04 mm, and a 0.1 mm spacer is 

located in between each magnet.  The rotor outside diameter is 28.6 mm, and the stator 

outside diameter is 40.0 mm.  The rotor and stator are separated by an air gap of 0.25 mm.  

The overall length of the bearing, including the housing material, is 15.4 mm.   

The design was analyzed using FEMM to verify thrust capacity. Figure 8 shows the flux 

density plot for an axisymmetric cross section of the final assembly, and Figure 9 shows a 

close-up of the flux density in the air gap. The force capacity of the magnetic bearing was 

calculated by FEMM via a weighted stress tensor, giving a value of 178.5 N at 0.2 mm 

total displacement.  These values slightly exceed the force and stiffness requirements; 

however, further analysis would be required to determine if this is the optimal design.  In 

addition, several other considerations would need to be made for a real world application.  

For example, this bearing does not have any containment device for the magnets.  Without 

a particular design speed, it would be impossible to know whether the magnets would fail.  

In addition, a containment sleeve would most likely increase the required air gap, which 

would, in turn, reduce the capacity.  In the next section, the magnetic thrust bearing will be 

parameterized in such a way that these considerations are easier to incorporate, and the 

bearing can be optimized for the general case. 
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Figure 8. Flux density plot in FEMM 

 

Figure 9. Close-up of flux density plot 
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Chapter 3 

Optimization 

Introduction 

In the most general sense, the force capacity of a bearing is a function of the rotor surface 

area, the strength of the magnets, and the length of the air gap.  The combination of surface 

area (the product of circumference and length) and magnet strength provide the limit to 

how much magnetic flux can traverse the air gap.  While these factors, in general, 

determine how much force capacity is possible for a given size bearing, many of the 

geometric parameters affect how efficiently this space is used, and consequently, how close 

the bearing can get to its maximum capacity.  

In order to optimize the geometry, several new parameters were introduced to simplify the 

analysis.  The following is a list of new parameters with an expression for each in terms of 

geometric values: 

 Rotor ratio   Z1 = R2/R5 

 Magnet ratio    Z2 = (R2-R1)/R2 

 Magnet thickness ratio  Z3 = Tm/(2∙R5) 

 Sleeve ratio    Z4 = R3/R2 

 Air gap ratio   Z5 = R4/R2 

 Non-dimensional offset Z6 = d/Tm 

 
These parameters are meant to make the bearing geometry easily scalable and applicable to 

a wide range of capacities.  The following sections will explain the effect that each 

parameter has on force capacity as well as guidelines for determining the optimal values 

for each.  In some cases, the value will be constant for all designs, while other parameters 

will vary based on other system parameters.  The analysis will conclude with a procedure 

for determining the most efficient configuration given a force requirement and other 

system variables such as shaft size and rotational speed.  The goal of the optimization is to 



18 

 
 

provide the best thrust bearing that meets all design requirements with minimum impact 

(size, weight, volume) on the rest of the system. 

Non-dimensional Offset 

The parameter Z6 = d/Tm is defined as the linear offset between the rotor magnets and stator 

magnets divided by the magnet thickness.  At Z6 = 0, the stator magnets and rotor magnets 

are aligned in such a way that they are in static equilibrium axially, resulting in zero net 

force.  As the offset increases from zero, the net force increases to a maximum value and 

then decreases back to zero.  Further increases in offset result in a net force in the opposite 

direction.  For a bearing with three magnets, the typical force versus offset curve is shown 

in Figure 10.  The number of peaks is equal to the number of magnets, with each 

successive peak decreasing in magnitude and reversing direction.  Since this study is 

focused on maximizing the force capacity, only the first peak is of interest.  The remaining 

peaks only affect the assembly of the bearing, as the assembly process requires moving the 

rotor from a large positive offset (d → +∞) to the equilibrium position (d = 0). 

 

Figure 10.  Normalized force (F/Fmax) versus non-dimensional offset distance (Z6) 
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While intuitively the first peak should occur when the offset is half of the axial thickness of 

a single magnet, the asymmetry for d≠0 prevents this from being the case.  From the plot in 

Figure 10, the maximum force (Fmax) occurs close to Z6 = 0.61.  In general, the biggest 

factors that influence the optimum offset are the magnet thickness and the radial air gap.  

The number of magnets does not influence the optimal choice.  As shown in Figure 11 

(white arrow), the magnetic flux lines traverse the air gap at an angle that depends on the 

offset.  As the offset increases, the flux lines stretch from being radial at zero offset to 

some angle close to 45° at the optimum offset.  As indicated by the white box in the 

diagram, the characteristic length dimensions of the flux path in the gap are the magnet 

thickness (Tm) in the axial direction and the radial air gap (δ) in the radial direction.  In 

general, the ratio of these two parameters (i.e. the aspect ratio of the box) determines the 

offset that achieves the maximum force capacity. 

 

Figure 11. Flux lines across air gap 
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Force curves for several different radial air gaps are presented in Figure 12 to demonstrate 

this effect.  For these plots, the dimensions of the bearing are held constant with the 

exception of the air gap, therefore giving a range of different ratios of δ/Tm.  As the air gap 

increases, the maximum force occurs at a smaller offset value, although the effect is small.  

Even as the air gap is increased by a factor of 6, the normalized offset (Z6) at maximum 

force only decreases from approximately 0.625 to 0.575.  Since this effect is minimal, the 

selection of a single value for Z6 for all bearing designs is reasonable.  For this study, a 

value of Z6=0.61 was used for simplicity.  This value gives achieves a force capacity within 

0.5% of the maximum value for all cases. 

 

Figure 12. F/Fmax vs. Z6 for different radial air gaps 

In the following sections, the air gap ratio (Z5) will be fixed, and the magnet thickness will 

also scale with the size of the bearing.  This further reduces the influence that any of the 
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design parameters has on the optimal offset.  In fact, the parameterization described in this 

study effectively makes the normalized force capacity curves identical, as shown in Figure 

13 for bearing sizes ranging from an outer radius R5 of 0.25 inches (6.35 mm) to 2.00 

inches (50.8 mm).  For a normalized offset of 0.61, all designs achieve a force capacity 

within 0.1% of the maximum. 

 

 

Figure 13.  F/Fmax vs. Z6 for different bearing sizes (in inches), optimized 

Sleeve Thickness Ratio 

For a particular magnetic bearing design, the existence of an optimum sleeve thickness is 

clear.  A thicker sleeve is beneficial from a rotordynamic standpoint, since it allows the 

assembly to operate at higher speeds and prevents the brittle failure of the magnets.  The 

stresses in the sleeve itself increase with surface speed, so the sleeve will fail if it is too 

thin.  However, as the sleeve thickness increases, so does the size of the magnetic air gap, 
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since the sleeve is located radially between the rotor and stator magnets.  A larger magnetic 

air gap reduces the force capacity of the bearing, which is undesirable.  Therefore, there 

exists a tradeoff between force capacity and robustness at high speed, and the general 

design philosophy should be to make the sleeve as thin as possible to survive at the design 

speed (accounting for a factor of safety) so that the force capacity can be maximized. 

The process of optimizing the sleeve thickness requires the calculation of the stresses in the 

sleeve as it rotates.10,11,12  The total hoop stress in the sleeve is a combination of the stress 

induced by the pressure from the magnets at the inner surface of the sleeve and the stress 

due to the rotation of the sleeve: 

𝜎𝜃𝑡𝑜𝑡𝑎𝑙 = 𝜎𝜃𝑟𝑜𝑡𝑎𝑡𝑖𝑜𝑛𝑎𝑙 + 𝜎𝜃𝑝𝑟𝑒𝑠𝑠𝑢𝑟𝑒 

The rotational stress is a maximum at the inner surface of the sleeve and is given in terms 

of the inner (R2) and outer (R3) radii, the rotational speed (ω), as well as the density (ρs) 

and Poisson’s ratio (νs): 

𝜎𝜃𝑟𝑜𝑡𝑎𝑡𝑖𝑜𝑛𝑎𝑙 = 𝜌𝑠𝜔
2 (
3 + 𝜈𝑠
4

) [𝑅3
2 + (

1 − 𝜈𝑠
3 + 𝜈𝑠

)𝑅2
2] 

The stress exerted by the rotor magnets on the sleeve can be expressed using Lame’s 

equation for hoop stress in a thick-walled pressure vessel under internal pressure.  In many 

cases, the thin-walled equations would suffice since the ratio of sleeve thickness to radius 

is small (t/R ≤ 10); however, the thick-walled equations provide a more general solution 

and more accurately represent the maximum stress at the inner surface of the sleeve.  For 

an internal pressure P, the maximum stress is given by: 

𝜎𝜃𝑝𝑟𝑒𝑠𝑠𝑢𝑟𝑒 = 𝑃 (
𝑅3

2 + 𝑅2
2

𝑅3
2 − 𝑅2

2) 
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The pressure induced is calculated using the centrifugal force (Fc) exerted by the magnets 

and the contact area (Ac) between the magnets and the sleeve: 

𝑃 =
𝐹𝑐
𝐴𝑐

 

Using the geometry outlined in the previous section as well as the density of the magnets 

(ρm) gives: 

𝑃 =
𝜔2𝜌𝑚(𝑅2

2 − 𝑅1
2)(𝑅1 + 𝑅2)

4𝑅2
 

The equations for total stress at the inner surface of the sleeve are used to determine R3 

(and therefore sleeve thickness) given the properties and dimensions of the magnets for a 

particular maximum allowable stress.  Conversely, the same equations can be used to 

determine the maximum stress if the sleeve thickness is known. 

Introducing the magnet ratio (Z2) and sleeve ratio (Z4) to the stress equations gives the 

following expression for maximum hoop stress in the sleeve: 

𝜎𝑚𝑎𝑥 = (𝜔𝑅2)
2 ∙

1

4
[𝜌𝑚𝑓1(𝑍2)

𝑍4
2 + 1

𝑍4
2 − 1

+ 𝜌𝑠(1 − 𝜈𝑠 + 𝑍4
2(3 + 𝜈𝑠))] 

In the equation, the dependence on Z2 is given by: 

𝑓1(𝑍2) = 𝑍2(𝑍2 − 2)2 

From the previous section, typical values of the magnet ratio are between 0.25 and 0.5, 

although certainly some designs fall outside of this range.  The maximum value of f1 is 

32/27 ≈ 1.185, which occurs when Z2=2/3.  Using this value as a worst case eliminates the 

Z2 dependence from the equation.  To simplify it further, the dependence on ω and R2 are 
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related, as the maximum stress is proportional to the square of surface velocity, which is 

the product of ω (the rotational speed) and R2 (the outer radius of the magnets). 

Choosing material properties of the magnets (density) and sleeve (density, Poisson’s ratio) 

reduces the stress equation to a function of the surface velocity (Vsurf) and sleeve ratio (Z4): 

𝜎𝑚𝑎𝑥 ∝ 𝑉𝑠𝑢𝑟𝑓
2 ∙ 𝑓2(𝑍4) 

For the magnets, Neodymium Iron Boron Grade 52, which has a density of 7500 kg/m3, 

was chosen due to its high remanent flux and maximum energy product. 

Selection of the sleeve parameters is slightly more complicated.  There are three basic 

options for the sleeve.  The first option for the sleeve is a solid ring of steel or superalloy 

that is pressed on the shaft using an appropriate interference fit.  The second option for the 

sleeve is a solid ring made of a composite material that is prefabricated and pressed on the 

magnet assembly, also using an interference fit.  The third option is a composite material 

that is fabricated directly on the magnet assembly.  For example, a carbon fiber sleeve can 

be fabricated by winding fibers around the magnet assembly and using epoxy as the 

binding agent.  This third option is advantageous in that it does not require the sleeve to 

have an interference fit.  Instead, the fibers are pre-tensioned to prevent the sleeve from 

separating from the assembly.  In addition, the sleeve can be extremely thin and 

lightweight due to the low density and high tensile strength of the carbon fibers.  For these 

reasons, a wound-in-place carbon fiber sleeve was chosen for this application. 

Properties of carbon fiber composites can vary greatly depending on several factors, such 

as fiber type, size, orientation, volume fraction, resin type, etc.  As such, this study will use 

properties that are easily achievable from various manufacturers using standard practices.  

A standard carbon fiber composite with 60% volume fraction fiber cured with a standard 

epoxy resin has an ultimate tensile strength (UTS) of 1500 MPa along the axis of the 

fibers.9  Since the fibers are oriented along the circumference of the sleeve, this 
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corresponds to the maximum stress used in the equations in this section.  The composite 

has a density of 1600 kg/m3 and Poisson’s ratio of 0.3. 

Using the properties of the chosen materials for the magnets and sleeve as well as the worst 

case scenario for Z2, the equation for maximum stress becomes: 

𝜎𝑚𝑎𝑥 = 𝑉𝑠𝑢𝑟𝑓
2 ∙

1320 ∙ 𝑍4
4 + 1182.2 ∙ 𝑍4

2 + 1942.2

𝑍4
2 − 1

 

This equation provides a guideline for selecting a sleeve ratio (and therefore sleeve 

thickness) based of the maximum allowable stress in the sleeve and the maximum surface 

velocity of the bearing.  Using a maximum stress of 1500 MPa for the carbon fiber sleeve 

gives the following plot of maximum surface velocity versus sleeve ratio: 

 

Figure 14. Surface velocity (Vsurf) vs. sleeve ratio (Z4) for carbon fiber composite 

The design developed for this project has a maximum operating speed of 100 kRPM, but 

the system has a factory of safety that accounts for a 20% overspeed condition.  Therefore, 
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the sleeve is designed to handle the stress induced at 120 kRPM.  Given the rotor magnet 

radius R2 of 0.4 in (0.01016 m), this corresponds to a maximum surface speed of 127.7 m/s.  

From the plot above, this surface speed requires a sleeve ratio of Z4 = 1.025.  Figure 15 

shows a CAD rendering of a magnet assembly with a carbon fiber magnet containment 

sleeve installed. 

 

Figure 15. Magnet assembly with carbon fiber sleeve installed 

In general, a sleeve that is 2.5% of the magnet rotor radius provides a robust design at high 

speeds.  In addition, it accounts for even the worst case magnet ratio and is independent of 

other system parameters.  The sleeve ratio can be adjusted for higher surface speeds if 

needed, but for most applications, this choice is sufficient.  In the cases in which a higher 

surface speed necessitates a new design, the sleeve ratio can still remain the same as long 

as a stronger composite material is used.  The maximum stress of 1500 MPa only 

represents a reasonable baseline for a commonly available composite; in reality, it is 

possible to achieve much higher strengths with different fibers.  For example, a composite 

using fibers manufactured by Torayca (model number M55JB-6k-50B) has a tensile 
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strength of 2000 MPa, allowing a magnet assembly with the same sleeve ratio to operate at 

surface speeds of up to 147.7 m/s.13  Another manufacturer, Circomp, offers composite 

sleeves with a UTS of 2420 MPa, resulting in a maximum surface speed of 162.5 m/s.14 

Air Gap Ratio 

Passive magnetic bearings are inherently non-contacting, meaning that they maintain an air 

gap between the rotating and stationary components.  Using the geometry outlined in this 

section, the radial air gap (δ) is defined as R4-R3.  This is the radial distance between the 

outer surface of the rotor magnet sleeve and the inner surface of the stator magnets.  The 

radial air gap can be calculated from the magnet outer radius (R2) as well as the sleeve ratio 

(Z4) and air gap ratio (Z5) by: 

𝛿 = 𝑅2(𝑍5 − 𝑍4) 

The selection of an appropriate air gap depends on many factors.  The air gap should be 

large enough to insure that the rotating components and stationary compnents never make 

contact during operation, accounting for tolerances due to fabrication, assembly, and 

misalignment.  However, the air gap should remain small enough to alow for efficient 

operation of the magnetic bearings.  As the air gap gets larger, the force capacity of the 

bearing decreases and magnetic losses due to fringing effects (loss of flux at the ends of the 

magnet stack) are larger as well.  In many practical applications, the air gap is on the order 

of 0.1% of the machine diameter.15 

For this study, a larger air gap (0.5% of the rotor magnet radius) was chosen to allow for 

ease of assembly as well as thermal growth of the rotor during operation.  This air gap 

results in a value of Z5 equal to 1.03, indicating that the magnetic air gap is 3% of the rotor 

magnet radius.  Of the 3% gap, 2.5% is occupied by the sleeve, and the remaining 0.5% is 

actually air. 
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To verify that the air gap is sufficient is sufficient for high speed operation, we can 

compute the viscous losses associated with operating the bearing at 120 kRPM.  These 

losses, called windage losses, arise from the friction between the rotating rotor and the thin 

volume of air between the sleeve and the stator.  The power loss due to the drag torque of a 

rotating cylinder is given in terms of the rotor surface roughness (k), air density (ρair), and 

torque coefficient (CM):16 

𝑃𝑤𝑖𝑛𝑑𝑎𝑔𝑒 =
𝜋

2
𝑘𝜌𝑎𝑖𝑟𝐶𝑀𝑅3

4𝜔3𝐿𝑚 

The torque coefficient depends on the Coutte Reynolds number in the air gap, where μ is 

the dynamic viscosity of air: 

𝑅𝑒𝛿 =
𝜌𝑎𝑖𝑟𝜔𝑅3𝛿

𝜇
 

For the test rotor developed in this study, the outer radius of the rotor (including the sleeve) 

is 0.410 inches (10.41 mm), the maximum rotational speed is 120 kRPM (12566 rad/sec), 

and the radial air gap is 0.002 inches (0.05 mm), which is 0.5% of R2 (δ/R2 = 0.005).  The 

Reynolds number for the test bearing is approximately 424, which gives the following 

equation for torque coefficient, valid for 64<Re<500: 

𝐶𝑀 = 2
(𝛿/𝑅3)

0.3

𝑅𝑒𝛿
0.6  

Evaluating these equations for the test rotor gives a value of 4.6 W at 120 kRPM.  For 

context, the rotational kinetic energy of the bearing itself is 117.4 W at this same speed, so 

the windage losses are only about 4% of the kinetic energy.  Considering that the bearing is 

only itself a small pecentage of the entire rotor assembly for a given application, we can 

safely conclude that the air gap is large enough to make the viscous losses reasonably 
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small.  Therefore, the selection of a 0.5% air gap, resulting in a selction of Z5=1.03, is 

validated. 

Magnet Ratio 

The magnet ratio Z2 describes the fraction of the rotor that is occupied by magnetic 

material.  The inner radius of the magnets is R1, and the outer radius is R2, with Z2 being 

defined as the magnet radial thickness (R2-R1) divided by the outer radius (R2).  Defining 

the magnet ratio in this way allows one to scale the magnets appropriately as the size 

increases.  For increasingly larger magnets (increasing R2), the theoretical force capacity 

increases; however, reaching the theoretical maximum for a given size depends on the 

magnet ratio.  Essentially, the radial thickness of the magnet must be sufficiently large to 

provide enough magnetic flux at the outer surface.  To demonstrate this phenomenon, 

consider a bearing design with a fixed size (R5 = 50.8 mm) and a maximum force capacity 

per unit length of approximately 2700 N.  Based on finite element simulations, the 

resulting force per unit length (F*) curve for various values of magnet ratio is shown in 

Figure 16.  For a magnet ratio of 0.15, the force is about 87% of the maximum.  As the 

ratio increases, so does the force capacity, but with diminishing returns.  The maximum is 

reached at approximately Z2 = 0.57, indicating that the size of the magnets at this point is 

large enough to provide the optimal magnetic flux.  Any size increase above this point does 

not provide additional capacity.  In fact, the simulations show that for large magnet ratios 

(Z2>0.7), a slight decrease in capacity is expected.  This decrease is very small (≈ 0.2%) 

and probably due to the increase in losses from fringe magnetic fields in the larger 

magnets.  Overall, though, most applications do not allow for such large magnet ratios 

because as R1 decreases, so does the maximum possible shaft size.  As some point, the 

shaft would be too small and result in catastrophic failure at high speeds.  In general, the 

selection of Z2 in the range of approximately 0.15 to 0.60 would be sufficient for most 

applications.  Even with Z2 = 0.2, the force capacity would be 92.6% of the maximum.   
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Figure 16.  Force per unit length (F*) vs. magnet ratio (Z2) 

In the design process, the magnet ratio typically has some flexibility, as indicated by the 

~15% change in force capacity from Z2 = 0.15 to Z2 = 0.85.  However, factors other than 

force maximization typically will determine which values are actually feasible.  For 

example, the previous section outlined how the stress on the magnet sleeve is dependent, to 

some extent, on the magnet ratio.  For the test bearing system, changing the magnet ratio 

from 0.3 to 0.6 would increase the stress in the retention sleeve by about 32%.  In addition, 

larger magnets would put additional stress on the hub on which the magnets are pressed.  

Therefore, despite the force capacity being somewhat higher with a magnet ratio of 0.6, 

such a choice is not possible due to other system constraints. 

Effective Number of Magnets 

For small magnet stacks, each additional magnet significantly increases the force per unit 

length F* (or force per magnet) of the entire stack.  This effect can be observed in Figure 

17 in which the normalized force per magnet, i.e. the force per unit length (F*) divided by 

the maximum force per unit length as Nm→∞ (F*max), is plotted versus the number of 
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magnets in the stack.  As Nm increases, the force per magnet approaches the theoretical 

value for an infinite stack.  This is because as Nm→∞, the edge effects become insignificant 

compared to the total force capacity.  However, for small values of Nm, the edge effects 

cannot be ignored.  For example, a single magnet stack only produces a force per magnet 

that is approximately 56% of the theoretical maximum, while a stack of two magnets 

increases that value to 81%.  At approximately Nm=8, the magnet stack reaches 95% of the 

theoretical maximum. 

 

Figure 17. Normalized force per unit length (F*/ F*max) vs. number of magnets (Nm) 

Another way to quantify the edge effects from a magnet stack is to determine how many 

magnets of an infinite stack would be required to produce the same force.  This value, 

termed the effective number of magnets (Neff), can be calculated from the following 

equation: 

𝑁𝑒𝑓𝑓 = 𝑁𝑚

𝐹∗

𝐹∗
𝑚𝑎𝑥
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The number of magnets “lost” due to edge effects is simply the difference between the 

actual number of magnets and the effective number of magnets: 

𝑁𝑙𝑜𝑠𝑡 = 𝑁𝑚 −𝑁𝑒𝑓𝑓 = 𝑁𝑚 (1 −
𝐹∗

𝐹∗
𝑚𝑎𝑥

) 

For a single magnet Nlost is approximately 0.439, and for two magnets it is 0.373.  As Nm 

increases, the value alternates above and below approximately 0.414 (red dashed line), as 

shown in Figure 18 up to Nm = 50.  The difference between successive values diminishes 

quickly as Nm increases, and the limiting value of Nlost ≈ 0.414 is reached.  Even for Nm ≥ 8, 

Nlost is limited to the range of 0.41 to 0.42. 

 

Figure 18. Magnets lost (Nm-Neff) vs number of magnets (Nm) 
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Based on the above equations, it is possible to estimate the effects of adding an additional 

magnet to a stack of any size, even without actually performing a simulation.  In this way, 

a magnet stack can easily be scaled to different force capacities with predictable results.  In 

fact, the equations show that the stack is more efficient as the number of magnets increases 

because the number of magnets lost to edge effects is relatively constant.  This makes 

sense physically if one considers that there are always exactly two end magnets (for Nm ≥ 

2) regardless of stack size, and that each of these magnets contributes approximately 79.3% 

of force capacity of an interior magnet (1 - 0.414/2 = 0.793). 

Magnet Thickness Ratio 

The magnet thickness ratio (Z3) describes the axial thickness of each rotor and stator 

magnet compared to the overall diameter of the bearing.  This ratio is defined as the 

magnet thickness Tm divided by twice the stator magnet radius (2*R5).  The reason for this 

choice of parameter is that, in general, the magnets must scale in thickness as bearing 

scales in diameter.  If the diameter increases significantly and the magnet thickness stays 

the same, the magnets will not be able to support the increase in flux.  Conversely, 

reducing the diameter and keeping the magnets the same thickness would result in the 

magnets being oversized for the amount of magnetic flux.  In this case, it would be 

beneficial to use more magnets of a smaller thickness to achieve the same stack length. 

To determine the optimal magnet thickness ratio, hundreds of different geometries were 

simulated using a custom Mathematica script.  For each set of simulations, all parameters 

were held constant except the magnet thickness.  In each simulation, a large number of 

magnets (Nm ≥ 10) was used to mitigate the fringing effects.  Since changing the magnet 

thickness affects the overall magnet stack length, force per unit length was used (instead of 

force) to find the optimal magnet thickness.  For example, a bearing with a stator magnet 

outer diameter of 101.6 mm (4.0 inches) and a magnet ratio (Z2) of 0.5 has a maximum 

force per unit length (106.1 N/mm) when the magnet thickness is 11.8 mm.  This value 

results in a magnet thickness ratio (Z3) of 0.116, meaning that the optimal magnet thickness 

is 11.6% of the stator outer diameter. 
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While other parameters have a negligible effect on the optimal magnet thickness, the 

magnet ratio does have a significant effect.  Since the magnet ratio affects the total amount 

of flux that crosses the air gap, an increase in magnet ratio (and, therefore, a larger magnet) 

also increases the optimal magnet thickness.  This effect can be seen in Figure 19, where 

the optimal magnet thickness ratio (Z3) is shown for various values of magnet ratio from Z2 

= 0.15 to Z2 = 0.60.  Over this range, the optimal magnet thickness ratio varies from 

approximately 0.08 to 0.12.  This relationship can be approximated using the following 

correlation: 

𝑍3 = 0.283 ∙ ln(𝑍2) + 0.1351 

In general, the selection of magnet ratio depends on factors unrelated to force 

maximization, namely shaft diameter, stresses in the bearing, and manufacturing 

considerations.  However, once the magnet ratio is chosen, the above equation can be used 

to find the optimal magnet thickness.  The overall force capacity can be varied by changing 

the number of magnets. 

 

Figure 19.  Optimal magnet thickness ratio (Z3) vs. magnet ratio (Z2) 
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Rotor Ratio 

The rotor ratio describes the radial size of the rotor magnets compared to the overall size of 

the bearing.  The quantity (Z1) is defined as the outer radius of the rotor magnets (R2) 

divided by the outer radius of the stator magnets (R5).  Since the sleeve and air gap are 

fixed percentages of the rotor radius, the selection of Z1 essentially determines the radial 

thickness of the stator magnets.  A large value of Z1 means the rotor occupies a large 

percentage of the total radial space and the stator magnets are small.  A smaller Z1 means 

that the stator magnets are large compared to the rotor. 

Just as the magnet thickness ratio (Z3) depends on the magnet ratio (Z2), so does the rotor 

ratio.  As the magnet ratio increases, the radial thickness of each rotor magnet increases.  

Consequently, the radial thickness of the stator magnets must also increase as well to take 

advantage of the increase in flux.  Therefore, an increase in the magnet ratio necessitates a 

decrease in rotor ratio.  For example, a magnet ratio of 0.25 results in an optimal rotor ratio 

of 0.790 and a magnet ratio of 0.40 results in an optimal rotor ratio of 0.775.  The trend for 

magnet ratios between 0.15 and 0.60 is given in Figure 20.  Overall, the relationship is 

described using the following correlation: 

𝑍1 = −0.032 ∙ ln(𝑍2) + 0.7455 
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Figure 20. Optimal rotor ratio (Z1) vs. magnet ratio (Z2) 

Once the magnet ratio is chosen, the above equation can be used to find the optimal rotor 

ratio.  However, system constraints may dictate a choice of Z1 that does not follow this 

relationship.  For example, consider an application in which the maximum available radial 

space for the magnets is 25.8 mm, the magnet ratio is 0.40, the design speed is 100 kRPM 

and the maximum surface velocity is 180 m/s.  The maximum available space sets the 

maximum value for R5 of 25.8 mm, and given the optimal rotor ratio of 0.775, this gives a 

value of 20.0 mm for R2, the rotor magnet outer radius.  However, this choice for R2 gives a 

surface velocity of 209 m/s at the design speed of 100 kRPM.  The maximum surface 

velocity constraint limits the choice of R2 to less than or equal to 17.2 mm.  This presents 

two distinct design choices.  First, the design can operate at the optimal rotor ratio with R2 

= 17.2 and R5 = 22.2, which makes the bearing smaller than the maximum allowable size.  

Second, the design can operate at a suboptimal rotor ratio while keeping the magnet rotor 

radius at R2 = 17.2 and the magnet stator radius (R5) anywhere between 22.2 mm and 25.8 

mm.  In the second case, the stator magnets will be larger than the optimal size, but still 

provide additional capacity compared to the first case.  
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Aspect Ratio 

In many cases, the design space is flexible enough such that many different bearing 

diameters and lengths are possible that meet the design capacity.  The selection then 

becomes a tradeoff between adding additional magnets to increase length, or increasing the 

diameter to make the bearing larger.  Both options have benefits and drawbacks.  

Increasing the bearing diameter is beneficial in situations where the system is limited by 

available shaft length.  As the magnetic bearing stack length increases, the effect on the 

system rotordynamics also increases.  A longer stack length can push the assembly closer 

to critical speeds during operation.  In situations where the system is limited by the surface 

speed, increasing the stack length may be preferred.  In this case, the diameter cannot 

increase without increasing the surface speed, and therefore increasing the length is the 

only option.  

In terms of efficient use of system mass and volume, it is beneficial to increase the length 

of the bearing rather than increase the diameter.  As demonstrated in the previous section, 

the force capacity increases linearly with length.  In other words, the force capacity gained 

from an additional magnet is constant.  Similarly, the additional mass and volume added is 

also linear in this case.  As bearing diameter increases, the optimal design scales in such a 

way that comparing the force capacity on an absolute scale is difficult, since each design 

has a different optimal magnet thickness and, therefore, a different length.  However, the 

trend becomes obvious if the comparison is made on a force per unit length basis, as shown 

in Figure 21 for various bearing diameters.  As the best fit line indicates, the relationship 

between force per unit length (F*) and bearing diameter is linear.  However, as diameter 

increases, the volume and mass both increase proportional to the square of the diameter.  

Therefore, increasing the length of the bearing rather than the diameter is always beneficial 

on a force per unit volume (or per unit mass) basis. 
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Figure 21.  Force per length (F*) versus bearing diameter (2*R5) 

Despite the notion that force maximization results from increasing length rather than 

diameter, other system factors play a role in what the actual optimal design will be.  First, 

the diameter of the shaft and the design speed will ultimately determine the range of 

possible values for the diameter.  As the diameter of the bearing decreases, the amount of 

radial space decreases as well, and at some point it may not be possible to find a design 

that will generate enough force at a reasonable length.  The upper limit of the bearing 

diameter is generally set by the maximum surface speed of the system.  Second, a bearing 

with fewer magnets will generally result in a lower cost, even for a similar total magnet 

volume.  Therefore, a shorter stack may be more economical.  Finally, a long magnet stack 

may be undesirable since axial space is usually at a premium in many turbomachines and a 

longer bearing is undesirable from a rotordynamic standpoint. 
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Optimization Procedure 

Given the new set of parameters, the design process is relatively straightforward.  Several 

of the parameters are fixed:  sleeve ratio Z4 = 1.025, air gap ratio Z5 = 1.03, and 

nondimensional offset Z6 = 0.61.  Furthermore, rotor ratio (Z1) and magnet thickness ratio 

(Z3) are primarily a function of magnet ratio (Z2), so selecting a magnet ratio determines all 

three of these parameters.  Therefore, the complete geometry can be defined by selecting 

the bearing stator outer radius (R5), the number of magnets (Nm), and the magnet ratio (Z2).  

Given a force capacity target, design speed, shaft size, and maximum allowable length and 

diameter for the bearing, the following steps can be used to get a baseline thrust bearing 

design: 

1. Based on available materials for containment ring or sleeve, determine maximum 

allowable surface speed for the application with an appropriate factor of safety for 

the stress. 

2. Use maximum surface speed and design rotational speed to determine largest rotor 

magnet outer radius R2. 

3. Select a value for magnet ratio Z2.  Selecting a value of 0.3 is a reasonable tradeoff 

between maximum force and maximum design flexibility.  Use this value to 

calculate appropriate values for Z1 and Z3 using the correlations from this chapter. 

4. Use R2 and Z1 to determine the stator outer radius R5.  If this value is smaller than 

the maximum allowable radius (factoring in some margin for a stator housing), 

then the design is surface speed limited and the choice of R5 is appropriate.  If the 

value for R5 is larger than the maximum allowable value, the design is space 

limited.  In this case, use the maximum allowable value for R5 and calculate a new 

(smaller) R2 to use. 

5. Simulate a single magnet design (Nm = 1) and determine the force capacity.  Use 

the equations outlined in this chapter to determine how many magnets are required 
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to reach the force capacity.  Choose this as the new value for Nm, and determine 

force capacity via simulation. 

6.  If the new design exceeds the maximum allowable length, the target capacity is 

not possible given the constraints.  If neither the length nor the diameter constraint 

are violated, several designs can be made to meet the requirements. Simulate 

different diameter and length combinations to determine the most desirable design. 

In general, this procedure is a good starting point for generating bearing designs.  The 

procedure assumes a magnet ratio of 0.3, which was chosen to give the most amount of 

space for the rotor shaft while still providing a large percentage of the maximum force 

capacity.  A larger value can be chosen if the rotor design can accommodate; however, a 

larger magnet ratio increases the stresses in both the magnets and the sleeve, so this effect 

must be considered. 
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Chapter 4 

Design and Testing for UAV Application 

System Constraints and Objectives 

In order to validate the passive magnetic bearing design concept and the results from the 

design simulations, a test bearing was fabricated and tested.  A majority of the work was 

completed as part of two different projects through the Navy SBIR/STTR program.  The 

main goal of these programs was to provide a non-contact bearing solution to improve the 

longevity of military UAVs.  The target system is a small UAV gas turbine engine with 

approximately 200 N thrust operating at a maximum speed of 100 kRPM.  A particular 

UAV platform was not identified, as the solution was meant to be applicable to a wide 

range of UAVs.  Other requirements include operation at up to 80°C, compatibility with an 

8 mm diameter shaft, axial displacement of no more than 0.2 mm, and minimal overall 

length.  The target system traditionally uses 608 series angular contact (AC) ball bearings 

that experienced failure after approximately 25 hours of operation.  The goal for the new 

thrust bearing is to increase the lifetime to over 1000 hours. 

Bearing Configuration 

In the UAV application, the overall net axial force on the rotor assembly is directed from 

the turbine end to the cold end.  In such a system, the angular contact ball bearings are 

responsible for not only the radial load, but also the axial load from the turbine.  Each ball 

bearing is supported by a disc spring that allows for a pre-load and transmits the force from 

the bearing to the housing.  In the UAV application, the passive magnetic thrust bearing 

provides a force in the opposite direction of the turbine load.  In this way, the turbine load 

is not entirely supported by the AC ball bearings, but rather the load is predominantly 

supported by the magnetic bearing, especially at high speeds. 
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A summary of the thrust loads during operation is given in Table 1 and displayed 

graphically in Figure 22.  When the turbine is at 100% load, the front (turbine end) ball 

bearing only has a small preload of 10.5 N.  The back (thrust bearing end) ball bearing has 

a slightly larger preload 0f 48 N.  The net preload (37.5 N) combined with the 162.5 N 

force capacity of 162.5 N from the magnetic bearing offsets the 200 N turbine load.  As the 

turbine decreases in speed, the rotor moves from a position of +0.1 mm at full load to -0.1 

mm at the stationary condition.  This represents the required axial displacement of no more 

than 0.2 mm.  At the stationary condition, the turbine is no longer providing the 200 N 

thrust load.  Consequently, the magnet bearing load, which is now 135.5 N, must be 

supported by the AC ball bearings.  Since the magnetic bearing exerts a new force toward 

the turbine end of the assembly, the front AC ball bearing supports most of the load.  

However, the relatively large load on the front ball bearing only occurs at zero speed, so 

the highest loads during start-up and shutdown only occur for a relatively small number of 

revolutions.  In fact, the system typically operates near 75% load, and both ball bearings 

experience loads of about 35-45 N at this condition. 

In summary, the UAV configuration still consists of two angular contact ball bearings, both 

with slightly different stiffnesses.  The front ball bearing is accompanied by a disc spring 

that is approximately three times as stiff as the back disc spring.  The back AC ball bearing 

supports small loads throughout the entire operating envelope (10.4 - 48.0 N) while the 

front AC ball bearing supports low loads at high speed (10.5 - 44.4 N), moderate loads at 

low speed (78.3 - 112.1 N), and high loads near zero speed (146 N).  This configuration 

minimizes the impact of the turbine loading with respect to the ball bearing lifetime. 
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Table 1. System Thrust Loads During Operation 

Component Stationary 
25% 
Load 

50% 
Load 

75% 
Load 

100% 
Load 

Turbine Load, N 0 –50 –100 –150 –200 

Front AC Ball Bearing, N –146.0 –112.1 –78.3 –44.4 –10.5 

Back AC Ball Bearing, N 10.5 19.9 29.3 38.6 48.0 

Magnetic Bearing Load, N 135.5 142.3 149.0 155.8 162.5 

Sum, N 0.0 0.0 0.0 0.0 0.0 

Displacement, mm –0.10 –0.05 0.00 0.05 0.10 

 

 

Figure 22. System thrust loads during operation 

Expected Bearing Lifetime 

To evaluate the expected lifetime of this bearing configuration, we needed a profile of axial 

turbine load versus time for a typical UAV.  For the purposes of this thesis, a flight profile 

was assumed based on conversations with Navy personnel, since actual flight information 

is classified.  Using this information, we are able to calculate the bearing loads and an 
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overall bearing life. For example, consider the bearing life chart for 608 series AC ball 

bearings shown in Figure 23 (red line). If the load on the bearings is a constant 120 N, the 

expected lifetime is about 1000 hours. However, for a more realistic application, the load 

will vary over time. In a hypothetical profile, 10% of the time is spent at 100 kRPM, 30% 

at 90 kRPM, 40% at 80 kRPM, 10% at 60 kRPM, and 10% at 20 kRPM. Substituting the 

data in Table 1 with the new bearing configuration, this profile would result in a total 

lifetime of 10,800 hours.  To implement a more conservative approach, consider the blue 

line on the graph in Figure 23, which represents the apparent actual life of the angular 

contact ball bearings. This curve is based on the observation that the bearings have 

approximately a 25 hour life at 200 N axial loading. With this as a baseline, we would have 

to reduce the axial loading to approximately 40 N to achieve the goal of 1000 hour 

lifetime. This is approximately the load on the bearings in our design given the preloads 

described previously. 

 

Figure 23. Bearing life vs. axial load 
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UAV Bearing Design 

Using the optimization procedure from the previous section, an initial thrust bearing was 

developed.  The constraints on the design were a magnet stack length 0f 0.375 inches, 

operating speed of 100,000 RPM (and 20% overspeed), and a shaft diameter of 0.315 

inches (8 mm).  The goal was to meet the 162.5 N force requirement (based on the current 

configuration), but also make the design flexible such that loads of up to at least 200 N 

would be possible.  In this way, the design could accommodate different disc springs and 

angular contact ball bearings, but still meet the 200 N turbine load. 

From the optimization procedure, some of the parameters were held constant:  sleeve ratio 

Z4 = 1.025, air gap ratio Z5 = 1.03, and nondimensional offset Z6 = 0.61.  The maximum 

operating speed of 100,000 RPM, combined with the sleeve ratio, resulted in a maximum 

rotor magnet outer radius (R2) of 0.4 inches (10.16 mm).  This value was used for the rotor 

design because a smaller rotor would result in a longer bearing, which was undesirable.  To 

minimize stress within the magnets, a value of 0.3 for the magnet ratio (Z2) was chosen.  

This value easily accommodates the 8 mm shaft and provides enough force capacity.    

Based on the magnet ratio, the optimal choices for Z1 and Z3 are 0.784 and 0.101, 

respectively, resulting in choices for stator magnet outer radius of R5 = 0.51 inches (13 

mm) and magnet thickness of Tm = 0.103 inches (2.62 mm).  Using these values, the force 

capacity predicted via simulation was 190 N for a three-magnet bearing (Nm = 3), slightly 

lower than the desired 200 N goal.  The magnet stack length for this design was 0.309 

inches, which was lower than the maximum allowable stack length; however, adding a 4th 

magnet would exceed this constraint.  In the final design, the stack length chosen was 

exactly 0.375 inches, with three magnets each 0.115 inches in length, and 0.015 inch 

copper spacers in between each magnet.  The copper spacers serve to aid in assembly and 

reduce the risk of the magnets cracking during operation.  The spacers only reduced the 

overall for capacity by approximately 6 N.  The only other modification from the optimal 

190 N design was a slight increase in the magnet stator outer radius from 0.51 inches to 

0.527 inches, and this was done purely for manufacturing reasons. 
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The final geometry is summarized below: 

 Shaft diameter:  0.315" (8 mm) 

 Rotor magnet outside diameter:  0.800" (20.3 mm) 

 Air Gap, Radial:  0.012" (0.30 mm) 

 Stator magnet outside diameter:  1.054" (26.8 mm) 

 Overall Length:  0.475" (12.1 mm) 

 Magnet material:  NdFeB, 52 MGOe 

 Number of magnets (rotor):  3 

 Number of magnets (stator):  3 

 Magnet thickness:  0.115" (2.92 mm) 

 Spacer thickness:  0.015" (0.38 mm) 

The maximum force capacity of the bearing is 224.8 N at a displacement of 0.073 inches 

(1.85 mm). A magnetic flux density plot of this design is shown in Figure 24 for this 

condition.  In the UAV application, the requirement of 162.5 N capacity can be met at a 

displacement of approximately 0.034 inches (0.875 mm).  Using this value and the 

maximum displacement of 0.2 mm in the actual system, the load capacity would be 

approximately 135.5 N when the turbine is in the stationary position, which matches the 

value in Table 1.  A complete force versus displacement curve is shown in Figure 25 and in 

Table 2. 
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Figure 24. Passive magnetic bearing flux density plot in FEMM 

 

Figure 25. Force vs. displacement 
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Table 2. Force vs. Displacement 

Displacement Force  Displacement Force 

mm in N  mm in N 

0.00 0.000 0.0  0.95 0.037 171.3 

0.05 0.002 11.5  1.00 0.039 176.9 

0.10 0.004 22.9  1.05 0.041 182.1 

0.15 0.006 34.1  1.10 0.043 187.0 

0.20 0.008 45.2  1.15 0.045 191.6 

0.25 0.010 56.0  1.20 0.047 195.8 

0.30 0.012 66.5  1.25 0.049 199.7 

0.35 0.014 76.6  1.30 0.051 203.4 

0.40 0.016 86.5  1.35 0.053 206.8 

0.45 0.018 96.0  1.40 0.055 209.8 

0.50 0.020 105.3  1.45 0.057 212.7 

0.55 0.022 114.0  1.50 0.059 215.2 

0.60 0.024 122.6  1.55 0.061 217.4 

0.65 0.026 130.7  1.60 0.063 219.4 

0.70 0.028 138.3  1.65 0.065 221.1 

0.75 0.030 145.7  1.70 0.067 222.4 

0.80 0.031 152.7  1.75 0.069 223.5 

0.85 0.033 159.2  1.80 0.071 224.4 

0.90 0.035 165.5  1.85 0.073 224.8 
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UAV Test Stand Design 

In order to test the passive magnetic bearing and obtain force versus displacement data at 

high speed, a test stand was designed, analyzed, and fabricated.  The major goals of the test 

stand were to: 

 Provide a similar configuration to the UAV application, with the magnetic thrust 

bearing augmenting the capacity of the angular contact ball bearings 

 Use an electric motor to simulate the speed of the gas turbine rotor assembly 

 Impart a force at high speed using a custom electric actuator to simulate the turbine 

axial load 

 Measure the axial displacement of the shaft during operation 

A schematic of the test stand is shown in Figure 26, and a 3D CAD rendering of the test 

shaft is shown in Figure 27.  The components in order (from left to right) on the shaft are 

the solenoid plunger, drive-end angular contact ball bearing, motor, non-drive end angular 

contact ball bearing, and magnetic thrust bearing with carbon fiber sleeve.  The solenoid, 

which transmits an axial force to the shaft during operation, consists of a housing made of 

magnetic steel, a toroidal coil, and the plunger located on the shaft, also made of magnetic 

steel.  The motor, located in the center of the shaft, is a permanent magnet motor capable of 

driving the shaft to speeds in excess of 100,000 RPM.  The motor section contains a lquid 

cooling jacket to prevent overheating.  The passive magnetic thrust bearing is located at the 

end of the shaft in an air-cooled housing. 
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Figure 26. Magnetic bearing test stand schematic 

 

Figure 27. Mainstream’s finalized rotor with carbon fiber wrapped retention sleeve 
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Shaft Design 

The motor selected for this application is a three phase, 1.2 kW permanent magnet motor 

manufactured by Elektromaschinen und Antriebe (e+a) that is capable of spinning the shaft 

at 250,000 RPM.  We selected a permanent magnet motor to drive the rotor assembly 

because of its compact size, efficiency, and ability to generate rotational speeds in excess 

of 100,000 RPM. The dimensions of the motor were the main constraints for the overall 

shaft design. The rotor element is 20 mm in diameter, 33 mm long, and requires a 1:50 

taper for proper press fit. The steel chosen for the shaft is alloy 4340 because of its 

ferromagnetic properties.  A rendering of the shaft is shown in Figure 28. 

 

Figure 28. Magnetic bearing shaft rendering 

Thermal Analysis 

The UAV application requires that the bearing must operate up to 30 °C above a maximum 

ambient temperature of 49 °C, giving a maximum bearing temperature of 79 °C. All of the 

materials selected for this design can operate in this range. The recommended maximum 

temperature for NdFeB magnets is 80 °C, but the performance (in terms of field strength) 

only degrades slightly with temperature. The Curie temperature for NdFeB is over 300 °C, 

but the magnets will never approach this limit. 

A thermal analysis of the test setup was performed to make sure the operating conditions of 

the magnetic section are within the limits of the materials used. In the case of this test 

stand, most of the heat is generated in the motor section. The motor element selected for 
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this application generates approximately 50 W of heat at maximum operating speed, and 

the maximum ambient temperature is 49 °C. From our FEA model, the temperature of the 

magnets would reach 71 °C under these conditions, which is still below the 80 °C 

maximum operating condition. In fact, it would take 68 W of heat to bring the temperature 

of the magnets up to 79 °C. 

Figure 29 shows the temperature distribution in the rotor assembly with a 68 W heat load, 

and Figure 30 shows the temperature distribution in just the rotor magnet stack for the 

same conditions. In the actual application, the total heat load is unknown, although the 

magnetic bearing will be at the cool end of the shaft. However, this analysis gives a good 

estimate of the maximum acceptable heat load near this end of the shaft at the worst-case 

operating conditions (low convection, high ambient temperature). 

 

Figure 29. FEA temperature distribution in rotor assembly 
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Figure 30. FEA temperature distribution in magnet stack 

To ensure the safety of the motor section during extended operation, a cooling sleeve 

(shown in Figure 31) was added. This optional component will be used if the motor section 

gets above 93°C (200°F), which will only happen during high-speed operation. The sleeve 

allows water to be passed over the cooling fins of the motor section and is sealed by O-

rings on either end of the motor housing. 

 

Figure 31. Motor cooling sleeve 
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Rotordynamics 

In order to verify that the shaft assembly can perform adequately at the design conditions, a 

rotordynamic analysis was performed to make sure that the vibrational modes of the 

assembly do not occur in the design envelope.  The analysis was performed using a 

program called DyRoBeS. The shaft was broken into discrete cylindrical elements, and the 

solenoid plunger and magnetic thrust bearing were represented as cylindrical disks with 

equivalent rotor mass and moments of inertia. Shaft unbalances were included at three 

locations: solenoid (front) end, motor rotor, and magnetic bearing (rear) end. The angular 

contact bearings were represented as linear bearings of constant stiffness. A schematic of 

the rotor model is shown in Figure 32. 

 

Figure 32. DyRoBeS schematic of rotor 

The static deflection of the shaft is shown in Figure 33, indicating a defection of less than 

2x10-6 inches (50.8 nm) at each end.  In this design, the front ball bearing supports 54% of 

the radial load and the remaining 46% is supported by the back ball bearing. The total rotor 

weight is 0.41 lbs (185 grams). 
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Figure 33. Static rotor deflection and bearing loads 

A critical speed analysis of the rotor was performed. The operational speeds of the shaft 

must be kept away from any critical speeds, especially bending modes. The first critical 

speed of the shaft is over 140,000 RPM as shown in Figure 34. The second rigid body 

mode, which is due mostly to the mass of the magnetic thrust bearing, is shown in Figure 

35, and this occurs at a speed of about 167,000 RPM. Both of these are significantly above 

the operating speed of 100,000 RPM and also above the overspeed mark of 120,000 RPM. 

The next three critical speeds, all of which are bending modes, (Figure 36, Figure 37, and 

Figure 38) are well above the operational range. This is advantageous because, although 

possible, passing through a bending mode can be very dangerous and can lead to failure of 

the shaft. 
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Figure 34. First rigid body mode 

 

Figure 35. Second rigid body mode 
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Figure 36. First bending mode (3rd critical speed) 

 

Figure 37. Second bending mode (4th critical speed) 
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Figure 38. Third bending mode (5th critical speed) 

The critical speed map, which is shown in Figure 39, shows the first three critical speeds of 

the rotor as a function of bearing stiffness. Although a stiffness of 106 lbf/in (1.8 x 108 N/m) 

was assumed for the preceding analysis, this map shows what the speeds would be if the 

actual bearing stiffness changed. Because the assumed stiffness was conservative for an 

angular contact ball bearing, the graph indicates that an increased stiffness would only 

help. The only issue would be if the stiffness dropped to about 105 lbf/in (1.8 x 107 N/m), in 

which case the rigid body modes would be near 100,000 RPM. 
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Figure 39. Critical speed map 

Solenoid Design 

To measure the capacity of the magnetic thrust bearing at high speed, an axial force must 

be transmitted (and its magnitude measured) without making physical contact. This 

requirement can be achieved by using a specially designed solenoid in which the plunger is 

attached to the rotating shaft. This design is similar to an active magnetic thrust bearing in 

that it consists of an axisymmetric coil and stator pair. When the coil is energized (by 

changing the current), a magnetic field is induced in the stator that pulls the plunger toward 

the stator, creating a force on the shaft.  

A finite element model of our design is shown in Figure 40. The solenoid plunger and 

stator are made of alloy 416 stainless steel, chosen for its magnetic properties, cost, and 

availability. At a coil current density of 320 A/cm2, the force exerted on the plunger is 

237.7 N. This is sufficient to test the entire range of the magnetic bearing. The coil for the 
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solenoid consists of 78 turns of 15 AWG wire. At the rated force of the solenoid, the coil 

requires a current of 10.5 Amps, which is easily achievable using the amplifier selected for 

this application (Advanced Motion Controls model 25A8). 

 

Figure 40. Finite element magnetic flux density plot of solenoid actuator 

UAV Bearing Fabrication 

A prototype bearing was fabricated to be analyzed using the high-speed test stand.  Most of 

the housing components, and the solenoid actuator were fabricated at Mainstream 

Engineering’s state-of-the-art machine shop, and the remaining components, such as the 

magnets, copper spacers, and motor were custom orders from different manufacturers. The 

test stand consists of four main sub-assemblies: shaft, motor, solenoid, and passive 
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magnetic bearing. The shaft assembly is shown in Figure 41. The motor stator and rotor are 

shown in Figure 42, and the motor housing is pictured in Figure 43. The solenoid, which 

provides the force to oppose the magnetic bearing, is shown in Figure 44. The magnetic 

bearing rotor (Figure 45), which is part of the shaft assembly, mates with the magnetic 

bearing stator inside the bearing housing assembly (Figure 46). The entire housing 

assembly, which consists of the solenoid housing, motor housing, and magnetic bearing 

housing, is shown in Figure 47. 

 

Figure 41. Shaft assembly 
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Figure 42. Motor stator and rotor 

 

Figure 43. Motor housing 
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Figure 44. Solenoid assembly 

 

Figure 45. Prototype passive magnetic bearing 
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Figure 46. Bearing housing assembly 

 

Figure 47. Housing assembly 
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Static Testing 

Test Stand 

To test the passive magnetic bearing, the bearing assembly was placed in a vertical 

configuration (Figure 48) and a dial indicator, accurate to 0.0001" (2.54 μm), was used to 

measure the position of the top surface. The force was exerted by hanging weight from the 

retaining bolt on the rotor assembly. For each test, the total suspended weight was 

measured using a digital scale. 

 

Figure 48. Bearing test configuration 

Test Results 

The test results are shown in Figure 49. The predicted values are from a finite element 

model of the magnetic bearing at given axial displacement. The predicted value at the 

maximum displacement of 1.8 mm is 224.4 N. The curve is roughly quadratic, with a force 

capacity of 165.5 N (74% of the maximum) at half the maximum displacement (0.9 mm). 

The experimental results follow a similar trend with a slightly smaller maximum force and 

some deviation. This deviation was likely caused by the slight difference in the thickness 

of each magnet along the stack in the stator and rotor. The experimental load capacity at 

1.78 mm displacement was 220 N, slightly lower than predicted. In the UAV application, 

the bearing should operate at 160 N capacity, close to 0.9 mm displacement. 
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Figure 49. Force vs. displacement for magnetic thrust bearing 

Dynamic Testing 

Test Configuration 

To test the magnetic bearing dynamically, two setups are necessary. In the first setup, the 

magnetic bearing stator is removed, and the shaft is extended to contact a load sensor as 

pictured in Figure 50. The assembly is held in place by two brackets and the load sensor is 

held in place by an additional bracket. In this configuration, we could calibrate the solenoid 

without any magnetic force from the bearing by varying the current to the solenoid and 

measuring the force with the load cell. By developing the force versus current relationship 

for the solenoid, a known force can be exerted during dynamic testing without the load cell 

attached. In the second setup, the load sensor is removed, and the magnetic bearing stator 

takes its place. This is the normal operating mode for dynamic testing. In this 
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configuration, the position is measured with a laser-based proximity sensor, and the force 

on the shaft is determined from the solenoid calibration curve. 

 

Figure 50. Test fixture for axial load calibration 

Load Cell 

The load sensor selected for this application is an Omega LC305-50 miniature compression 

load cell (Figure 51), which converts a load from 0-50 lbf (0-225 N) to an analog voltage 

signal. The accuracy of this model is ± 0.25% with a linearity of ± 0.15%. Because the load 

cell required direct contact with the shaft for measurement, it should not be used during 

dynamic testing while the shaft is rotating. Therefore, the load cell is only used to calibrate 

the force output of the solenoid. 
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Figure 51. Omega LC305-50 load cell 

Laser Sensor 

Shaft axial position is monitored at all times during testing using a high-speed, high-

resolution, contactless, laser displacement sensor installed on the solenoid side of the 

passive magnetic bearing test assembly.  Acuity model AR700-0125 sensor (Figure 52) 

was chosen based on its resolution of 0.16 μm, sample rate of up to 9400 Hz, and compact 

design. For example, when the shaft is operating at full speed during experimental testing 

(~125,000 RPM), the Acuity AR700 displacement sensor can provide feedback of shaft 

axial position approximately nine times for every two revolutions. The AR700 is a 

triangulation sensor that measures distance by projecting a beam of laser light that creates a 

spot on a target surface. Reflected light from the surface is viewed from an angle by a 

CMOS detector array inside the AR700 sensor. The target distance is calculated from the 
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image pixel data using the on-board microprocessor. The distance is transmitted through 

serial communications or analog outputs.  

 

Figure 52. Acuity AR700-0125 Laser displacement sensor 

Variable Frequency Drive 

The variable-frequency drive (VFD) selected for this test stand is Emerson Control 

Techniques model SP1202 Unidrive. This three-phase drive (Figure 53) is capable of 

outputting 1.5 kW of power from 0 to 3000 Hz, giving the rotor a maximum speed of 180 

kRPM, exceeding our requirement. The selected drive is designed to effectively control the 

speed of the motor through its entire operational profile during testing. 
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Figure 53. Emerson SP1202 Variable Frequency Drive 

LabVIEW 

A LabVIEW program was developed for controlling the mag bearing test stand. A 

screenshot of the interface is shown in Figure 54. The LabVIEW program monitors shaft 

position at the solenoid end using the laser position sensor. The force exerted by the 

solenoid is measured using a correlation between the current supplied by the amplifier and 

the force imparted. All of the system forces are plotted as a function of time, as well as the 

axial position of the shaft. The rotational speed of the shaft is also measured as well as 

voltage, current, and frequency supplied by the VFD. Other parameters measured include 

motor temperature, bearing temperature, and solenoid housing temperature. All parameters 

are recorded in a CSV file. 
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Figure 54. Mag bearing test interface in LabVIEW 

Test Results 

The first step to obtain high-speed data was to calibrate the solenoid actuator.  This was 

done by removing the magnetic bearing stator since the magnetic force would affect the 

load reading.  Then, the load sensor was place at the end of the shaft opposite the solenoid.  

A current was applied to the solenoid and the corresponding force was recorded for 

different current values.  Figure 55 shows the solenoid calibration curve, including the best 

fit cubic equation.  This equation was used in the dynamic testing to apply a known force 

to the bearing. 
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Figure 55.  Solenoid calibration curve 

After the calibration, tests were performed at several different speeds using the high-speed 

test stand (Figure 56).  The position of the shaft was measured using the laser sensor and 

the speed was controlled by the VFD.  During the testing, issues with the VFD were 

experienced.  Due to the low resistance value of the motor windings, the drive tripped an 

internal cutout because it sensed a short circuit. In order to rectify this, we placed a 

resistive load in series with each phase of the motor windings.  This setup was not ideal 

because the additional voltage drop and power dissipation imposed by the resistive load 

made it difficult for the motor to start.  Although some of the issues were overcome, the 

VFD was not able to sufficiently control the speed above 42,000 RPM.  The rotor stalled 

near or before this speed even though there were no indications of a fault or any issue with 

the test stand or bearings.  For future designs, it may be necessary to install an encoder or 

resolver on the shaft to allow for precision position control. 
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Figure 56. High-speed test stand 

Despite the setbacks with the variable frequency drive, force and displacement data was 

obtained for speed up to 42,000 RPM.  For each speed, the shaft position was recorded for 

various solenoid actuator loads.  The results of the tests are shown in Table 3.  In all cases, 

the position versus force relationship of the bearing was approximately the same.  The 

shaft position changed by about 0.2 mm at full capacity (200 N), which matches the design 

goal.  This indicates that the speed of the rotor assembly did not affect the capacity of the 

bearing.  If the bearing did lose capacity, the displacement would reach 0.2 mm with an 

increasingly lower load as speed increased.  This is because the deficiency in bearing 

capacity would be offloaded onto the angular contact ball bearings, causing the disc 

springs to compress, resulting in greater axial displacement.  The results indicate that the 

bearing capacity is not a function of rotational speed, a feature that was the impetus of the 

design geometry.  At a 200 N load, the displacement only varies from 0.191 mm to 0.202 

mm over the full operating range.  This data validates the design methods used and the 

finite element model simulation results. 
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Table 3. High speed test data 

Speed Frequency Relative Shaft Position (mm) 

RPM Hz Static 40 N 80 N 120 N 160 N 200 N 

0 0 0.000 0.040 0.084 0.127 0.161 0.191 

6000 100 0.000 0.040 0.082 0.130 0.160 0.198 

12000 200 0.000 0.040 0.081 0.128 0.154 0.194 

18000 300 0.000 0.037 0.082 0.124 0.156 0.202 

24000 400 0.000 0.041 0.079 0.124 0.160 0.202 

30000 500 0.000 0.039 0.081 0.122 0.165 0.199 

36000 600 0.000 0.040 0.080 0.122 0.159 0.195 

42000 700 0.000 0.044 0.082 0.126 0.164 0.199 
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Chapter 6 

Conclusions 

This thesis has demonstrated the feasibility of using passive magnetic bearings to augment 

the thrust load capacity of miniature turbines for UAV applications. Although there are 

other bearing options for high-speed turbomachines, none can match the advantages of 

using a passive magnetic bearing. Because the force capacity of a magnetic thrust bearing 

only depends on the geometry and the air gap, it is independent of the operating speed, a 

feature which was demonstrated during dynamic testing. 

The design produced using the developed optimization procedure has highlighted the 

advantages of using passive magnetic bearings for this application: 

 Non-contact operation 

 Sufficient force capacity 

 Sufficient stiffness to maintain axial tolerance 

 Size similar to traditional bearings 

These advantages have been shown through both analytical modeling, static testing, and 

dynamic testing. The tests of the prototype demonstrated a load capacity in excess of 200 

N, meeting the project goals. The prototype was tested both statically and dynamically, 

showing no degradation in performance at high speed. Future work will focus on the 

establishment of a family of bearings of different sizes and load capacities in addition to 

reducing manufacturing costs and improving fabrication methods. The results of this work 

have shown that passive magnetic bearings present a viable solution for UAV miniature 

turbines and other military and commercial applications. 
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Appendix:  Simulation Code 
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